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Abstract: One route to reducing CO2 emissions is to improve the energy efficiency of machines. For example, 
conventional combustion engines are being downsized (and down-speeded), are now running on lower 
viscosity engine lubricants (such as SAE 0W-20 or lower viscosity grades) and often also have stop-start 
systems fitted (to prevent engine idling when the vehicle is stopped). Some of these changes result in higher 
levels of mixed and boundary friction, and so accurate estimation of mixed/boundary friction losses is 
becoming of increased importance, both for estimating friction losses, and also for estimating wear volumes. 
Traditional approaches to estimating mixed/boundary friction, which employ real area of contact modelling 
such as the Greenwood-Tripp model [1] are widely used, but recent experimental data suggests that these 
approaches underestimate mixed/boundary friction losses [2–5]. A new model has been developed, based on 
experimental data, which estimates the proportion of mixed/boundary lubrication, X, as a function of the λ 
value (where λ is the ratio of the oil film thickness separating the surfaces to the combined root mean square 
surface roughness of the interface surfaces). The precise equation that describes the way in which X varies with 
λ takes the form of a “reverse S-curve”, which makes physical sense since S-curves arise naturally in growth 
processes, and in mixed/boundary lubrication, the real area of contact of rough surfaces grows as the load (and 
1/λ) increases. Numerical estimates of mixed/boundary lubrication losses in internal combustion engines are 
presented here and compared with published data [2,6]. In addition, the improved method described here is 
used to estimate both the financial cost of mixed/boundary lubrication for today’s passenger car fleet, and the 
CO2 emissions associated with these friction losses.  
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1. Introduction 

In most internal combustion engines, friction losses in engines and transmissions are primarily 
due to film shear in hydrodynamic lubrication (in journal bearings, piston assembly), or 
elastohydrodynamic lubrication (in valve train, gears). However, at high loads, and/or under stop-
start conditions, mixed/boundary lubrication can also occur. If the minimum oil film thickness 
separating the surfaces is hmin (m), and the roughness of each surface is σ1 (m) and σ2 (m), then the 
combined root mean square roughness is σ (m), where 𝜎 = ඥ𝜎ଵଶ + 𝜎ଶଶ. The λ ratio can then be defined 
as λ = hmin/σ. (It should be noted that recent interesting work has been published that considers other 
ways to define the λ ratio [8]). It is generally assumed, in tribology, that moving rough surfaces are 
fully separated when the λ ratio is greater than about 3 [7]. Mixed lubrication is generally assumed 
to take place if 1 < λ < 3 and boundary lubrication is assumed to occur if λ < 1. [7]. In many machine 
elements, it is possible to calculate the minimum oil film thickness in a contact, by solving Reynolds’ 
equation assuming perfectly flat interface surfaces, and so, if the surface roughnesses are known, it 
is conventional to then estimate the λ ratio based on the film thickness estimate and the surface 
roughnesses to determine the likely level of surface contact arising in hydrodynamic, mixed and 
boundary lubrication.   

As an example, consider the piston rings of an internal combustion engine. The piston assembly 
of an internal combustion engine is often thought to contribute about 50% or so to total engine friction 
[9] and the piston rings are thought to contribute 50% (or more) to total piston assembly friction [9] 
so the piston rings themselves (and most engines have three piston rings) could contribute around 
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25% to total engine friction. Now if F (N) is the friction force of the piston ring, hmin (m) is the 
minimum oil film thickness under the piston ring, W (N) is the load acting on the piston ring, and η 
(Pa.s) is the viscosity of the lubricant, then hydrodynamic analysis of piston lubrication [10] finds 
that:  

ℎ௠௜௡ ∝ ඨ𝜂𝑈𝑊  

𝐹 ∝ ඥ𝜂𝑈𝑊 

Similarly, Taylor [11] has reported that the hydrodynamic power loss of highly loaded short 
journal bearings is proportional to η0.75. Therefore, one obvious way to decrease hydrodynamic 
friction losses is to reduce lubricant viscosity. Table 1 shows trends in passenger car lubricant 
viscosity grades over the last 20-30 years demonstrating that viscosities recommended by engine 
manufacturers have indeed tended to reduce with time (and are still getting lower) to reduce engine 
friction.  

Table 1. Typical viscosities of different lubricant viscosity grades, showing the decrease in engine oil 
viscosity over the last 20-30 years (Vk are kinematic viscosities, and HTHS is the High Temperature 
High Shear Viscosity of a lubricant measured at a temperature of 150°C and a shear rate of 106 s-1). 

Grade 
Typical  

Vk40 (cSt) 
Typical  

Vk100 (cSt) Typical HTHS viscosity (mPa.s) 
Approx  

viscosity (mPa.s) 
at -15°C 

Approx 
Year 

SAE 20W-50 144.8 17.8 4.1 5,900 Before 1990 
SAE 15W-40 114.3 14.9 3.5 2,900 1990 
SAE 10W-30 72.3 10.8 3.2 1,900 1995 
SAE 5W-30 57.4 9.9 2.9 1,100 2000 
SAE 0W-20 44.4 8.3 2.6 700 2015 
SAE 0W-8 26.4 5.5 1.9 ≈ 250 Future 

Although reducing lubricant viscosity is an effective way to reduce power loss by viscous shear, 
and therefore, passenger car engine friction (since such engines are predominantly lubricated 
hydrodynamically), the minimum oil film thickness separating the moving, rough surfaces is also 
reduced, leading to increased levels of mixed/boundary lubrication and metal-metal contact 
(particularly under high load, and/or, stop-start conditions).  

When mixed/boundary lubrication occurs, it can be assumed that a portion of the total load, 
W(N), is carried by the rough asperities, WA (N), and that the remainder of the load, WF (N), is carried 
by the fluid pressure. If the respective friction coefficients are written as fA and fF and if the total 
friction force is FTOTAL (N) and the overall friction coefficient is f, then it is possible to write:  𝑊 = 𝑊஺ + 𝑊ி 𝐹்ை்஺௅ = 𝑓஺𝑊஺ + 𝑓ி𝑊ி 𝑓 = 𝐹்ை்஺௅𝑊 = 𝑓஺ 𝑊஺𝑊 + 𝑓ி 𝑊ி𝑊  

If X is defined to be WA/W, then X is a measure of the proportion of mixed/boundary lubrication 
in a contact. When hydrodynamic conditions hold X = 0 and in this case the rough surfaces are 
completely separated by a fluid film and so WA=0. In addition, when there is no fluid film separating 
the surfaces, WF=0 and so X = 1, as expected. The overall friction coefficient, f, can thus be written as:  𝑓 = 𝑓஺𝑋 + 𝑓ி(1 − 𝑋) 

Such an expression has been previously reported by Olver and Spikes [12].  
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It is of great interest to know how X varies with the λ ratio. In the next section, it is explained 
how experimental data has been used to derive an equation for X versus λ, and this equation is 
compared to other models that have been used in tribology to model mixed/boundary friction.  

The derived equation can then also be used to estimate the friction losses due to mixed/boundary 
lubrication in passenger car internal combustion engines. By then considering the total number of 
engines in use (in the UK) total friction losses due to mixed/boundary lubrication can be estimated, 
together with the total cost of such losses, and the equivalent CO2 emissions associated with these 
friction losses.  

2. Models for Mixed/Boundary Lubrication Friction 

Numerous well-known models for mixed/boundary friction employ surface contact models 
which assume that contacting asperities deform elastically [1,13–15]. Although at first sight this seems 
to be a drastic oversimplification, in fact there is much experimental evidence for this being true for 
most contacts, once “running-in” of the component has completed. It is well known that new 
components “run-in” and during this process, the highest asperities are truncated by material loss 
and plastic deformation, and the component, once “run-in” will usually have a lower root mean 
square surface roughness and higher surface hardness, compared to the new component. It can also 
be the case that the overall shape (form) of the component can change during “running-in” (for 
example, a curved piston ring can become flatter [16]) and such changes in shape can result in a 
higher oil film thicknesses at critical positions (for example, at top dead centre, piston lubrication is 
primarily due to the “squeeze” effect [17], and at this position, a flatter piston ring will result in a 
thicker oil film). Any plastic deformation will tend to have occurred during the “running-in” process, 
which is only a small fraction of a typical machine element’s lifetime, and so, in fact, the assumption 
of elastic deformation is much more reasonable than appears at first sight. In addition, it was found 
by a number of researchers that by assuming elastic deformation of rough surfaces, and by assuming 
a statistical distribution of asperity properties and heights, the real contact area was proportional to 
the applied load [1,13–15], as determined experimentally. As an example of such a model, the 
Greenwood-Williamson model describes a rough surface in static contact against a flat surface. If the 
separation of the flat surface from the centre line average of the rough surface is d (whose rms surface 
roughness is σ), and if the asperity height probability distribution is assumed to be exponential, then 
the load, W(d) (N), supported by the asperities is reported [14] to be:   𝑊(𝑑) ∝ exp ൬− 𝑑𝜎൰ 

On the other hand, when the rough surface was assumed to have a Gaussian distribution of 
asperity heights, then it was found that W(d) was given by:  𝑊(𝑑) ∝ 𝐹ଷ/ଶ ൬𝑑𝜎൰ 

Where:  𝐹௡(𝑢) = 1√2𝜋 න (𝑠 − 𝑢)௡. exp(−𝑠ଶ/2)𝑑𝑠ஶ
௨  

In a later model, due to Greenwood and Tripp [1], where it was assumed both contacting 
surfaces were rough, it was found that:  𝑊(𝑑) ∝ 𝐹ହ/ଶ ൬𝑑𝜎൰ 

The above equations can be recast in terms of the proportion of mixed/boundary lubrication, X, 
by dividing W(d) by W(0), and so the above equations become (where we have also written d/σ = λ):  𝑋 = exp(−𝜆) 
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𝑋 = 𝐹ଷ/ଶ(𝜆)𝐹ଷ/ଶ(0) 

𝑋 = 𝐹ହ/ଶ(𝜆)𝐹ହ/ଶ(0) 

A later model, due to Bush et al [15] which assumed paraboloid asperity geometry, gave a 
different equation for X as below:  𝑋 = 𝑒𝑟𝑓𝑐 ൬ 𝜆√2൰  

Rough surface contact models that assume elastic deformation of asperities strictly only apply 
when the real area of contact is small (less than a few %). However, rough surface contact models are 
also available at the opposite limit, where real contact areas are high [18]. These models were 
originally motivated by the study of rubber surfaces. It is of interest to note that elastic deformation 
models tend to predict that the pressure in the contact varies with separation of the surfaces, d, 
according to:  𝑃௘௟௔௦௧௜௖ ∝ exp ቆ− 𝑑ଶ𝜎ଶቇ 

On the other hand, rough surface contact models that assume plastic deformation [18] tend to 
find that the pressure varies according to:  𝑃௣௟௔௦௧௜௖ ∝ exp ൬− 𝑑𝜎൰ 

According to Persson [18] the variation of contact pressure according to the plastic model 
variation above is generally in better agreement with experimental data. 

In practice, however, the Greenwood and Tripp model is still widely used today for predicting 
the load carried by asperities in rough surface contacts. A comparison of a selection of the above 
models is shown in Figure 1. When λ=1, the value of X is predicted to be approximately 0.368 for the 
exponential Greenwood & Williamson model [14], about 0.317 for the Bush et al model [15], and only 
about 0.131 for the Greenwood & Tripp model [1]. It is clearly of interest, when predicting 
mixed/boundary friction, to clarify which of these different values of X is the more reliable.     

 

Figure 1. Graph showing the predicted variation of X (the proportion of mixed/boundary lubrication 
in a contact) versus the λ ratio, for three commonly used rough surface contact models. 
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Recently, good quality experimental data has become available that can be used to show 
explicitly how X varies with λ [3]. Details of the experiment performed can be found in [3], and Figure 
2 shows how typical experimental data (obtained from the Mini Traction Machine [3]) can be plotted 
to explicitly show how X varies with λ, for a range of non-friction modified lubricants, which also 
includes data from other Mini Traction Machine experiments [19,20]. 

 

Figure 2. Experimental data [3,19,20] showing how X, the proportion of mixed/boundary lubrication 
in a contact varies with λ, for a range of different rough surfaces and lubricants. 

One of the interesting features of Figure 2 is that, despite the wide range of different lubricants 
tested, the experimental data fits fairly well on a single “master curve”, and so it is reasonable to 
attempt to use a single mathematical function to describe this curve. (Clearly there is some scatter in 
the experimental data, so a single curve passing through the data is not perfect but will still be useful 
as a guide). In addition, the data plotted in Figure 2 shows that it follows a classic “reverse S-curve”. 
S-curves tend to arise in growth processes, and in rough surface contacts, the real contact area grows 
as load (and as 1/λ) increases, and so it is natural that S-curves should appear. If the data in Figure 2 
had been plotted against 1/λ, rather than λ, the data would show a classic S-curve shape, as has been 
reported previously [5].  

A suitable mathematical function, which takes the form of a “reverse S-curve” and which 
provides a good fit to the experimental data shown in Figure 2 is [4,5]: 𝑋 = 1(1 + 𝜆௞)௔ 

In the above equation, the values of k and a which ensure a good fit to the data are k ≈ 3/2 and a 
≈ 4/3. The above equation predicts that X ≈ 0.397 when λ=1, which suggests that the widely used 
Greenwood & Tripp model [1] substantially underestimates the amount of mixed and boundary 
friction in the range 1 < λ < 3. This underestimate arises at least partly because the Greenwood and 
Tripp model does not incorporate the stress due to the lateral forces which arise in sliding due to 
friction. It has been demonstrated that lateral forces which oppose friction serve to increase the real 
contact area in a process often referred to as “junction growth”. This lateral force tends to increase 
both contact spot size and the number of contact spots increasing the contact area to be sheared [16]. 
Failing to include this effect in a friction model, therefore, results in an underestimate of the predicted 
friction force. 
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3. Mixed/Boundary FRICTION estimates for Internal Combustion Engines 

In internal combustion engines, there are a range of components, and they operate in different 
lubrication regimes. For example, journal bearings are designed to operate primarily in the 
hydrodynamic lubrication regime, so in normal operation the moving rough surfaces in the bearing 
would be expected to be fully separated by a fluid film. However, even in journal bearings, 
mixed/boundary lubrication could potentially occur at high loads (especially if the lubricant 
temperature is high), under stop-start conditions (where speeds are low) and/or if there is fuel 
dilution [22,23] of the lubricant (which can result in lower lubricant viscosities). On the other hand, 
the valve train operates almost entirely in the mixed/boundary lubrication regime, at least when the 
engine is fully warmed up, since the oil film thickness separating the moving parts is very low 
(usually less than 0.2 μm) and the λ ratio is usually much less than 3. Under these circumstances, the 
friction loss of valve trains is often estimated by assuming the valve train is in the mixed lubrication 
regime, and where a suitable friction coefficient is assumed [24]. Between these extremes lies the 
piston assembly, which is lubricated hydrodynamically for most of its operation, but it is also known 
that mixed/boundary friction occurs near top and bottom dead centre positions (positions where the 
piston speed is zero). Most of the mixed/boundary friction in the piston assembly will occur near to 
the top dead centre position when combustion occurs, since at this point in the engine cycle, the 
piston speed is zero, ring to cylinder contact loads are high (due to high combustion chamber 
pressures) and oil temperatures are also high (leading to low viscosity). This will also lead to higher 
levels of piston ring and cylinder wear.  

Published experimental data on piston assembly friction [6] for a fully warmed up engine shows 
that the amount of mixed/boundary friction drops off rapidly as engine speeds increase. This is as 
expected since oil film thickness, and the λ ratio, increase with engine speed. An example of such 
data is plotted in Figure 3, with the engine in that study being a 1990 2.0 litre gasoline engine. Clearly, 
the overall amount of mixed/boundary lubrication will depend to a great extent on the driving cycle. 
“City type” driving, with many stop-starts and low speeds, will tend to have more mixed/boundary 
lubrication compared to motorway driving (where speeds are steady and relatively high). However, 
the impact of mixed/boundary friction on vehicle fuel consumption is less than may be expected, 
since most mixed/boundary lubrication occurs at “low” speeds. (For individual contacting 
components this means that power loss, the product of friction force and sliding speed is low due to 
the low speeds). Consequently, under these conditions the fuel consumption is relatively low. This 
can be illustrated in the older European NEDC driving cycle [25], which was used for vehicle fuel 
economy evaluations before 2020. In this cycle there is around 25% idling (in which mixed/boundary 
friction could potentially be responsible for 40-50% or more of total engine friction, most of which 
would come from the valve train), but this only actually contributed about 10% to the overall fuel 
consumption figure. In modern cars fitted with stop-start systems, there will be much less engine 
idling. 
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Figure 3. Experimental data [6] for the measured piston assembly power loss (Watts) versus engine 
speed, for a low viscosity SAE 0W-8 lubricant, in a 1990’s 2.0 litre gasoline engine. 

Interesting data on piston assembly friction for “new” and “run-in” piston assemblies has also 
been published [26] in which a significantly higher amount of mixed/boundary friction was measured 
for “new” piston assemblies, and the amount of mixed/boundary friction measured for the “run-in” 
piston assembly was found to be lower. This is because in the process of “running-in” the root mean 
square surface roughness of the surfaces will be reduced, and at the same time, the change in shape 
of the piston ring/liner contact (due to wear) will result in an effectively flatter contact, which will 
result in a higher oil film thickness at top dead centre (due to “squeeze” lubrication effects [17]) and 
so the λ ratio of the “run-in” piston assembly will be substantially greater than that of the “new” 
piston assembly. It has been reported that estimate piston ring-pack frictional power losses are 10-
15% higher for new piston ring-packs, as compared to “run-in” ring-packs [16]. 

A useful discussion in reference [11] attempted to quantify the fuel consumption that arose from 
the mixed/boundary lubrication regime. That discussion focused on the older European NEDC 
driving cycle (Figure 4 below). In that cycle, there was a large proportion (25% of the cycle time) of 
engine idling, and at that time, engines idled at around 750 rpm. Despite the large amount of idling, 
it was estimated that only 10% of the overall fuel consumption (measured for the complete cycle) was 
due to idling. If it is assumed, from Figure 3, that at 750 rpm, approximately 57% of piston assembly 
friction is due to mixed/boundary friction, and at 750 rpm the piston assembly friction made up 32% 
of total engine friction, and the valve train friction was 40% of total engine friction [6], and that all the 
valve train friction is in the mixed/boundary regime, then, at idling, approximately 58% of all the 
engine friction is in the mixed/boundary regime. (It should be noted that we have assumed no 
mixed/boundary friction occurs in the journal bearings). If it is assumed that 40% of the total fuel 
consumption, at idling, is due to engine friction, then the total fuel consumption due to 
mixed/boundary friction will be (40% x 58% x 10%) which is approximately 2.3%. For the remaining 
part of the driving cycle, if it is assumed that the average engine speed is 2000 rpm, then, from Figure 
3 and reference [6], the proportion of mixed/boundary friction in the piston assembly has dropped to 
24%. At this engine speed, the piston assembly friction is roughly 41% of total engine friction, and 
the valve train friction is 17% of total engine friction. At 2000 rpm, the estimated total percentage of 
mixed/boundary friction is roughly 27%. If it is assumed that 25% of total fuel consumption is used 
to overcome engine friction at 2000 rpm, the total fuel consumption due to mixed/boundary friction 
for the remainder of the driving cycle can be estimated to be (25%*27%*90%) which is approximately 
6%. The total estimated fuel consumption to overcome mixed/boundary friction is thus estimated to 
be roughly 8.3%. This estimate also depends on the lubricants used in the engine. For the above 
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calculation, data from reference [6] based on a friction modified SAE 0W-8 lubricant were used. In 
reference [6] data was also reported for a non-friction modified SAE 0W-8 lubricant and a more 
viscous, non-friction modified SAE 15W-40 lubricant. Similar estimates for the approximate amount 
of fuel needed to overcome mixed/boundary friction can be made for these other two lubricants, and 
it was found that for the low viscosity, non-friction modified SAE 0W-8 lubricant that the figure is 
approximately 9.2%, whilst for the non-friction modified viscous SAE 1W-40 lubricant the figure is 
7.0%. 

 

Figure 4. The older NEDC driving cycle used for vehicle fuel economy tests in Europe up until 2020. 
The newer driving cycle currently used in Europe (WLTP) is also shown (NEDC stands for “New 
European Driving Cycle”, and WLTP is the “Worldwide Harmonized Light Vehicle Test Procedure”). 

The figures above are similar to those reported by Holmberg and Erdemir [27]. It should also be 
emphasized that fuel economy driving cycles are generally fairly low-load, low stress driving 
conditions, and more severe driving styles (involving, for example, strong accelerations and harsh 
braking, driving heavily loaded cars up hills, driving in extremely hot conditions) could result in a 
higher proportion of fuel used to overcome mixed/boundary friction and so for estimating the 
financial and environmental impact of mixed/boundary friction, it is proposed to use a figure of 10% 
for the fuel consumption use, in passenger cars, to overcome mixed/boundary friction.     

4. The Financial and ENvironmental impact of Mixed/Boundary FRICTION 

In the UK, at the time of writing, a typical realistic fuel consumption figure for a modern gasoline 
engine vehicle is approximately 7 litres/100 km. If it is assumed that an average UK car is driven 
16,000 km per year, then the amount of fuel used per car per year is roughly 1100 litres. Currently, in 
the UK, there are approximately 19 million gasoline engine vehicles (plus another 12 million 
passenger cars with diesel engines). If, for the sake of argument, the amount of fuel used to overcome 
mixed/boundary friction is assumed to be the same for diesel fueled passenger cars, then in total there 
will be 31 million cars, each with an average annual fuel consumption of 1100 litres. At current UK 
fuel prices (about £1.50 per litre), the total annual fuel consumption for passenger cars will be around 
34 billion litres. Therefore, the amount of fuel used to overcome mixed/boundary friction will be 
approximately 3.4 billion litres per year, with a total annual cost of £5.1 billion, and these figures are 
just for the UK.  

In terms of CO2 emissions, it has been estimated that 2.4 kg of CO2 is generated from the 
combustion of one litre of gasoline, and in addition, approximately 0.7 kg of CO2 are generated during 
the manufacturing of gasoline and transporting it to where it is needed [28]. Therefore, for each litre 
of gasoline used, approximately 3.1 kg of CO2 are emitted. Since the annual average fuel consumption 
is 1100 litres, the amount of fuel burnt to overcome mixed/boundary friction will be 110 litres, and so 
each car will generate, on average 340 kg of CO2 per year, to overcome mixed/boundary friction. By 
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scaling this up to all the cars in the UK (and also assuming the figures for diesel cars will be similar 
to those for gasoline cars), this means that a total of about 10.5 million tonnes of CO2 are released each 
year, by the UK passenger car fleet, to overcome mixed/boundary friction.  

Worldwide, there are approximately 1 billion passenger cars, so if the UK figures above are 
typical, then the total amount of fuel used annually worldwide to overcome mixed/boundary friction 
in passenger cars will be approximately 100 billion litres, with a financial impact of about $200 billion, 
and in addition there will be CO2 emissions of around 300 million tonnes per year associated with 
mixed/boundary friction in passenger cars. 

It would be instructive to extend the above analysis to other sectors (such as heavy-duty diesel 
vehicles, ships, trains, etc.) and to other machine elements (such as industrial gears, rolling element 
bearings etc.) to estimate the importance of mixed/boundary friction in these sectors/machine 
elements to obtain better estimates of the importance of mixed/boundary friction across all 
applications.             

5. DISCUSSION 

Section 4 has highlighted the large financial and environmental impact of mixed/boundary 
friction in passenger cars. Worldwide, many billions of litres of fuel are consumed annually simply 
to overcome mixed/boundary friction in passenger cars, at a cost of billions of dollars. In addition, 
many hundreds of millions of tonnes of CO2 are released. 

As lubricant viscosities decrease, to reduce the impact of viscous shear and improve machine 
energy efficiency, it is likely that mixed/boundary friction will become ever more important, and so 
measures aimed at reducing mixed/boundary friction will become of greater and greater interest. 
Examples of some of the measures that have been, or are being taken, to reduce the impact of 
mixed/boundary friction include:  
• The use of friction modifier additives in passenger car lubricants (mainly aimed at reducing 

friction in valve trains and near the top dead centre of piston ring travel) 
• The use of start-stop system to minimize the amount of time engines idle 
• The use of coatings to reduce friction and wear (examples include ceramic coatings and 

diamond-like carbon (DLC) coatings 
• Superfinishing of components to reduce surface roughness 

There is also much tribology research into superlubricity [29–31], where an order of magnitude 
reduction in friction coefficients could potentially be achieved by a combination of use of novel 
materials, surface design (potentially using combinations of hydrophobic and/or hydrophilic 
surfaces), novel lubricants etc. If such step change reductions in friction coefficients could be 
routinely achieved in standard machine elements, it would result in a massive improvement in 
energy efficiency, and potentially longer machine lifetimes (due to lower wear). However, the 
timescales for transferring promising laboratory technologies to industry may take decades to occur 
in practice. 

6. Conclusions 

One route to reducing CO2 emissions and energy usage is to improve the energy efficiency of 
machines, such as internal combustion engines. Lubricant viscosities have been decreasing steadily 
since the 1990s, in order to reduce engine friction, and this approach has been effective in 
substantially reducing hydrodynamic friction. However, this approach also leads to a decreased 
lubricant film thickness separating the rough moving surfaces and will increase the levels of 
mixed/boundary lubrication where there is interface contact).  

It is thus becoming increasingly important to be able to accurately predict the amount of 
mixed/boundary friction losses. Recent experimental data published by the Imperial College 
Tribology Group [3] has been used to develop an easy-to-use equation that better predicts the amount 
of mixed/boundary friction in a tribological contact. 

Studies reported here for the amount of mixed/boundary lubrication in a gasoline engine have 
found that approximately 10% of the fuel used by a passenger car is used to overcome 
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mixed/boundary friction. Since there are approximately one billion passenger cars in use worldwide, 
it is found that around 100 billion litres of fuel are used annually to overcome mixed/boundary 
friction, at an approximate cost of $200 billion, and in addition, the CO2 emitted (from combustion of 
the fuel) equates to around 300 million tonnes per year.  

Internal combustion engines will remain in use across many applications for years to come, so 
to protect the environment, it is imperative to reduce mixed/boundary friction, either by reducing 
friction coefficient directly (by the use of friction modified lubricants and/or low friction coatings), or 
by reducing the amount of time the machine spends in mixed/boundary lubrication (such as the use 
of start-stop systems in cars to reduce the amount of engine idling). More speculative approaches 
based on superlubricity may result in a step-change reduction in friction coefficient, and a significant 
improvement in machine energy efficiency and longer lifetimes, if promising tribological 
technologies from laboratory studies can be successfully transferred to industry.      
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