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Abstract

Concerning fan systems with an air pipe connecting air intake and a closed outlet, aerodynamic noise cannot be directly
transmitted from the fan inlet and outlet to the outside. At this moment, the volute vibrational radiation noise induced casing
surface vibration is the major noise component. The main factors affecting the fan vibrational noise are analyzed through
theoretical derivation, then a vibrational noise optimization control method for the volute casing is proposed that considered
the influence of vibro-acoustic coupling, taking the panel thickness of the volute (front-panel thickness [FT], side-panel
thickness [ST], and back-panel thickness [BT]) as design variables, and the acoustical power of the volute surface and the
total mass of the volute as the optimal target function. The optimization method is mainly divided into three main parts: the
first was based on the simulation of unsteady flow of the fan to obtain the vibrational noise source; the second, using the
design of experimental (DOE) method and the proposed numerical simulation of fluid-structure-acoustic coupling method to
obtain the designing space, then the radical-based function (RBF) method is used to construct the approximate surrogate
model instead of the simulation model previously mentioned, which was used to provide the basic mathematical model for
the optimization of the next part; the third part, implementing the low vibrational noise optimization for the fan volute, applied
the single-target (taking volute radiated acoustical power as the target function) and the multi-target (taking the volute radiated
acoustical power and volute total mass as the target function) methods. In addition, the fan aerodynamic performance, volute
casing surface fluctuations, and vibration response were validated by experiments, showing good agreement. It is of utmost
importance that the dynamic pressure measurements and vibrational tests on the volute casing verify the accuracy of the
numerical calculation. The optimization results showed that the vibrational noise optimization method proposed in this study
can effectively reduce the vibration noise of the fan, obtaining a maximum value of noise reduction of 7.3 dB. The
optimization identified in this paper provides a significant reference for the design of a low-vibrational-noise volute.
Key words: Centrifugal fan; Unsteady flow; Vibroacoustics; fluid-structure-acoustic coupling; Optimization
1. Introduction
Centrifugal fan is considered as a common turbomachinery, which are widely used in ventilation systems of the ship cabin and
other sites, bringing comfortable working and living environments for people. However, the noise and vibrations generated with the
fan running troubled us, thus study the mechanism of noise and vibration generation and propagation became more and more
important. In some particular application environments, unsteady flow-induced vibrational noise is equally important.
Aerodynamic-noise-induced unsteady flow of a fan cannot directly spread to the outside when the fan system inlet and outlet
are entirely connected to the extended pipe. At this moment, the fan casing and the inlet and outlet pipe vibration noise caused
by the vibrations of the volute surface are predominant. Therefore, an intensive study of the generation mechanism of the
vibrational noise and the noise reduction method is necessary. In fact, the fan noise induced by unsteady flow belongs to fluidstructure coupling noise, and the impeller and volute can be classified as an elastomer; in particular, the volute vibration
cannot be neglected in large fans [1]. There are few studies on the vibration noise induced by the vibration of the casing in a
centrifugal fan. However, this type of noise is prominent in large-scale fan systems and fans with closed pipelines. At present,
research on vibration noise induced by casing vibrations resulting from impeller outlet unsteady flow is usually produced
using simulation methods. A prediction method based on a method of combining boundary element method (BEM)
calculations with experimental measurement was proposed by Koopmann [2]. In this method, the aerodynamic noise is
isolated, and the volute vibrations induced by the unsteady flow are calculated separately, and the pressure fluctuations
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required for noise and vibration calculations are obtained experimentally. On this basis, some scholars such as Hwang [3],
Cai [4-5] and Lu [6] have used the same method to calculate the vibrational sound radiation of a compressor and the T9-19
No.4 industrial centrifugal fan. Cai Jiancheng [7] calculated the vibrational sound radiation of a volute casing of the same
centrifugal fan using a fluid-structure-acoustic coupling method. These research studies have been of benefit in promoting the
development of research of vibrational sound radiation on volute casings, allowing for a deeper understanding of vibrational
noise during the centrifugal fan operation, and have provided a useful reference for noise reduction of such turbomachinery.
The purpose of vibrational noise research is to explore the generation mechanism of vibrational noise, then propose targeted
methods of vibration and noise reduction. Concerning vibration and noise control, there are certain means: controlling the
vibrational source, such as vibration absorption and vibration isolation [8]; dynamic vibration absorption; damping vibration
control [9]; and structural vibration control [10–20]. At present, a structural vibration control method that meets specific
requirements by modifying the dynamic characteristics of the controlled object without adding any subsystem is a research
hotspot. Moreover, current structural vibration control is focused on structural optimization. However, a centrifugal fan casing
belongs to a thin-casing structure, and the vibrational sound power of the thin-casing is a quadratic function of the structural
vibration velocity [10–12]. As optimization reduces the structural vibration speed of a fan casing, it can be concluded that the
sound power radiation must be reduced within a specific range. The optimal design of a thin-casing structure usually uses the
panel thickness as the design variable and the square sum of the vibration velocities of the nodes on the wall as the optimization
target function [13–14]. Adopting the mentioned method, Zhou et al. [15] and Lu et al. [16] implemented the optimization
study on structure vibration control and noise reduction for the T9-19 No.4A centrifugal fan.
By reducing fan casing vibration, an effect of casing noise reduction is achieved using the aforementioned optimization
method, which sets the vibration (node vibrational speed) as the target function. However, this method does not consider the
propagation of sound waves and sound boundary influences on the calculation results; thus, deviation is nearly inevitable.
The integration of structural-acoustic optimization correctly eliminates these drawbacks. This method has been used in the
automotive field and shows that sound radiation generated by the excitation of body surface vibrations on the engine is
substantially reduced [17–20] after optimization. Based on the aforementioned advantages of optimization, the author
proposed a vibration-acoustic integrated optimization design method that is suitable for turbomachinery volute. In
investigating the vibrational noise of the studied marine centrifugal fans, the following two aspects were a focus:
1) In this study, we proposed a numerical method for the unidirectional coupling of a flow field-structure-sound field. The
rationality of this single coupling is verified by a volute wall vibration test.
2) To analyze the influence factors of vibrational noise and reduce the vibrational sound radiation induced by unsteady flow
in the fan, detailed theoretical derivation of vibration noise is put forward
3) To control the vibrational noise of a certain type of marine centrifugal fan volute, an optimization method considering
the influence of vibro-acoustic coupling is proposed. Under the premise that whether there exists volute total mass constraints,
accordingly taking the panel thickness of the volute casing (FT, ST, BT) as the design variable, this study conducted the low
vibrational noise single target (taking the volute vibrational radiated sound power as the target function) and multi-target
optimization (taking the volute vibrational radiated sound power and total mass as the target function).
NOMENCLATURE
B = volute width (mm)
D2 = impeller outlet diameter (m)
Q = flow rate (m3 s-1)
Z = the axial distance from the monitoring point to the volute rear casing (mm)
BEP = the best design point
BPF = the fundamental frequency, the blade passing frequency (Hz)
c = speed of sound (m s-1)
u2 = circumferential velocity of impeller outlet (m s-1)
PT = total pressure rise (Pa)
φ= flow coefficient

= total pressure coefficient
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[K] = FEM stiffness matrices
[C] = FEM damping matrices
[M] = FEM mass matrices
F(t) = external force
MPFs = modal participation factors

Φ

= mode shape of the structure
Y = mode coordinate of the structure
= natural frequency
ζ = damping ratio
λ = frequency ratio
Re = real part
∗

= the node velocity of volute surface
= active output power

,

x(t)= vibrational displacement
̇ ( ) = vibrational velocity
= amplification factor
ρ = density, ρ=1.20 kg/m3
ω = angular velocity (rad s-1)
FEM = finite element method
AML = automatically matched layer
= active vibration acceleration value of each frequency in the spectrum
= 1 × 10

(m s-2)

Pi = the source node pressure load (i = 1, 2, 3, 4)
PA = the target node pressure load
di = the distance from the source node to the target node (i = 1, 2, 3, 4)
= the number of finite elements on the structural casing；
= the area of jth finite element，

；

= the sound pressure of jth finite element， ；
∗

= the normal velocity of jth finite element，

∙

.

= vibrational sound power
= total mass of volute
,

,

= area of FT, ST and BT respectively

I = structural surface acoustic Intensity
DOE = design of experimental
RBF = radial basis functions
SPLs= sound pressure levels (dB)
2. Description of experimental procedures
2.1 Test fan description
The test machine was a ventilating centrifugal fan with four main components (conical bell mouth, shrouded impeller, volute
casing with conventional tongue and conical flow rates throttle) driven by an AC inverter motor with adjustable angular speed
between 0 ~ 3600 r/min; the design rotational speed was specified as 2920 r/min, just as shown in Figure 1. The main dimensions
and characteristics of the investigated fan for this study are presented in Table 1. The ambient air was intake from the inlet pipe. The
tests for characterizing the aerodynamic and acoustic behaviors of the fan system were made in a resilient installation to fulfill ship
system noise and vibration requirements (according to standards GJB4058-2000 China [21] and GB-T1236-2000 China [22].)
Figure 2a shows the details of the test system installation and data collection procedure. The following maximum measurement
errors were obtained for the different magnitudes: total pressure ±2% (±10 Pa), flow rate: ±2% (±0.05 m3/s) and shaft power ±2%
(±50 W).
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Figure 1 Component representation for the test fan
Table 1 Fan dimensions
Impeller blade outlet diameter D2 (mm)

520

Impeller blade inlet diameter D1 (mm)

328

Impeller outlet width b2 (mm)

102

Impeller inlet width b1 (mm)

138

Blade number Zn

12

Volute width B (mm)

286

Impeller-tongue distance (mm)

38

Impeller-tongue distance (% of D2)

13.2%

2.2 Dynamic pressure measurement
In this part The Dynamic Pressure Testing System (DPTS) was employed to obtain the information of the casing pressure
fluctuations. This system contained XCQ-080-5G Kulite high frequency dynamic pressure sensors, standard power supplies, 8300
AU amplifiers and AVANT MI-7016 signal acquisition. The test system installation is shown in Fig. 2b. There are 44 measurement
locations on the casing surface, which were at five locations (p01-p05) in the vicinity of the volute tongue, and another six
monitoring locations (p06-p11) were evenly distributed along the circumferential direction of the volute. Table 2 summarizes the
angular coordinates of the measurement positions over the volute surface. The locations of monitoring points are shown in Fig. 3.
The origin of the angle is the volute tongue. At each angular position, four axial measurements were made at the following Z/B
coordinates: 0.17, 0.27, 0.34 and 0.75 (B is the volute axial width, and Z is the axial measurement position from the volute rear
casing). Z/B =0.07 corresponds to the impeller hub, and Z/B =0.36 corresponds to the impeller shroud. More details about the DPTS
installation and test have been reported in the previous work (Jianhua Zhang et al.) [23]

(a)
Volute
casing

8300AU
amplifiers

Kulite
sensor

Signal
acquisition

Standard
power

(b)
Figure 2 Installation of test system

Computer
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Figure 3 Sketches of the fan with the measurement Points
Table 2 Angular coordinate of the measurement points over the volute
Tongue
points
P1
P2
P3
P4
P5

Angular
Position (o)
0
3
8
14
20

Volute
points
P6
P7
P8
P9
P10
P11

Angular
Position(o)
52
97
142
187
232
280

2.3 Volute vibration test measurement
The LMS Test Lab test system was used to complete the vibrational test of the fan casing. To eliminate vibrational disturbances
on the volute originating from the imported pipe and outlet throttle flow, elastic connections were used in two positions: at the
connection between the transition section of an inlet and the volute, and between the volute outlet and the throttle valve. The flexible
installation should meet the requirements of GJB4058-2000 (The Noise and Vibration Measurement Method of Ship Equipment)
[21]. There is some major equipment required for this test, such as an LMS SC310W signal analyzer, a B&K 4513 accelerometer,
and a B&K 4514 accelerometer. The background noise is ignored because of the lower value compared to the actual value of the
fan. One hand of the accelerometer is fixed on the volute by bonding, and the other hand is directly connected to the data processing
and analysis notebook by the data line. The arrangement of the vibration sensor is shown in Fig. 4. There are 16 vibration
measurement locations on the casing surface. The No. 1 to 5 # measuring points are arranged near the border between the back panel
of the volute and the side panel of the volute. The No. 1 measuring point is located near the tongue, and the other measuring points
No. 2 to 5 # are respectively arranged at the positions of 0 degrees, 90 degrees, 180 degrees, and 270 degrees. The No. 6 to 9 #
measuring points that are located at the edge of the plate between the back panel of the volute and the motor along with the
connecting plate in the circumferential direction are arranged with an interval of 90 degrees. At the front panel of the volute with a
90-degree interval in the direction of a counterclockwise rotation layout are the No. 10 to 12 # measuring points. The vibration
measuring point of the volute side panel is in the middle of the axial width of the volute arranging the No. 13 to 15 # measuring
points. The No. 13 # measuring point is defined as the starting point; the No. 14 # and 15 # measuring points are also arranged in
the side volute at an interval of 140 degrees; and the No. 16 # measuring point is at the outlet of the volute side panel. The vibration
test and the dynamic pressure test of the volute are carried out at the same time, and the data are, respectively, collected in different
control computers. Then, the data are sequentially extracted to complete the post-processing.
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(b) the distribution of measuring points of simulation

Figure 4 The arrangement of the vibration sensor

3. Unsteady flow simulation and validation
3.1 Numerical methods
In this paper the complete unsteady flow for the entire impeller-volute configuration was conducted using the computational
fluid dynamics (CFD) code ANSYS CFX. The code numerical simulation is based on a finite-volume numerical method that
employs an incompressible turbulent flow model to solve the continuity equation and the three-dimensional time-averaged NavierStokes equations. The characteristic Mach number of the simulated fan described by the blade tip circumferential velocity was
u2/c=0.18(<0.3), and the flow was therefore guaranteed to be incompressible. The continuity equation and momentum equations
were solved independently of the energy equation because of the isothermal flow. The Standard k-ε turbulence model, which was
applied to capture wall pressure fluctuations by Ballesteros-Tajadura [24] and Cai [25], was used in the present simulation of the
unsteady flow field. A coupled solver, which uses a fully implicit discretization scheme to solve all of the equations (corresponding
to the velocity and pressure), was used. However, a second order high-resolution discretization scheme was used for the convection
terms, and a second order backward Euler scheme was used for the transient terms.
For the three-dimensional calculations, a couple of high quality hexahedral structural grids were employed to define the flow
domains. Details of the grid features and meridian grid cross-section, including the radical gap and cavity around the volute, are
shown in Figs. 5. More details about the grids of this fan have been reported in the previous work (Jianhua Zhang et al.)[23]
Numerical deviations strong connections with the grid number needed to be removed, and a grid-independent validation of the fan
total pressure coefficient and efficiency was performed. Figure 6a shows the influence of the grid size on the fan total pressure
coefficient and efficiency. From the figure, we can see that the grid was independent when the total number of grid points exceeded
2.8 million. In addition, by increasing the grid size to 5.7 million, the total pressure coefficient with respect to the flow rate was
nearly unchanged, compared with the smaller total pressure coefficient over a small flow rate range close to the best efficiency point
(BEP).

(a)

(b) Mesh details of section 1

Section workspaces

(c) Mesh details of section 2
Figure 5 Mesh details of fan

The modeled boundary conditions were considered to have greater physical meaning for turbomachinery flow simulations. In
this case, the CFD simulation process began with a steady flow calculation using the frozen-rotor approach, and nonslip conditions
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were specified at the solid walls. In addition, for the near-wall flow region, a scalable wall function treatment based on the
logarithmic law [26] was applied to cause the mean value of Yplus to vary between 30 and 300, as shown in Fig. 7. Therefore, by
applying this method, the number of the grid points was greatly reduced without reducing the accuracy of the calculations. For the
unsteady flow, a transient rotor/stator grid interface based on sliding grid technique was applied, which allowed unsteady interactions
between the impeller and volute casing. A time step of 5.7089e-5 s was used for the calculation of the unsteady interactions, which
was sufficient for the dynamic analysis. The time step was related to the rotational speed of the impeller, and the time step was
specified such that the impeller rotated once in 360 steps (a blade passage defined 30 steps). The number of iterations was adjusted
to reduce the residual below an acceptable value at each time step. At each time step, a reduction of 10-5 (five orders of magnitude)
in the residuals for the given variables in the cells was required. The unsteady simulation was initialized using a steady solution,
and over 15 revolutions (approximately 5400 time steps) were required to converge on a periodic unsteady solution.

（a）

(b)

Figure 6 Grids size independent: (a) fan total pressure and efficiency with grids size; (b) total pressure coefficient with flow rate

Figure 7 Yplus of the simulated fan

3.2 CFD results validation
3.2.1 Overall performance validation
Using the defined test bench, the overall performance of this fan predicted by the CFD calculations was compared for different
flow rates. The non-dimensional flow rate and the total pressure rise were transformed by

  Q / ( D22u2 / 4)

(1)

  pt / u22 .

(2)

The best efficiency point (BEP) at a rotational speed 2920 rpm corresponded to a flow rate Q=3.3614 kg/s (φ=0.1659) and a total
pressure rise PT=3182 Pa (ψ=0.41954). Figure 8 indicates that the measured total pressure coefficient and efficiency agreed well
with the three-dimensional steady-state calculations. The expected trend of decreasing total pressure coefficients with increase flow
rates can be observed in the experimental and numerical curves. In addition, the performance curves between numerical simulation
and experimental test results were perfectly consistent for larger grids (nearly double the size of the small grids).
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Figure 8 Comparison between numerical and experimental curves

3.2.2 Wall pressure fluctuation validation
The unsteady aerodynamic forces on the volute casing caused by the unsteady flow of the impeller outlet are the significant
vibrational sources; thus, the validation of the numerical results of the unsteady aerodynamic forces are very important. In this study,
to confirm the simulation accuracy, a comparison analysis between the dynamic pressure measurement results of volute casing and
the numerical calculation was conducted. Because of the similar spectrum signals of the different measurement points on the volute
surface, only a few typical points were selected for analysis and confirmation. Figure 9 shows the power spectra of the volute
pressure fluctuations at the BEP at the typical selected measurement point 01, point 06 and point 09. The left figure shows the
experimental measurement results, and the right figure shows the numerical results. It was something of a satisfaction to find that
the numerical and experimental amplitude of the BPF which presented the predominant frequency component were in good
agreement at three most important axial positions (Z/B=0.17, 0.27, 0.34). More details about the results discussion have been
reported in the previous work (Jianhua Zhang et al.)[23]

(a)

(b)
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(c)
Figure 9 Power spectra of volute pressure fluctuation at three measurement points with the flow rate BEP Point 01(exactly at the tongue); Point 06 (52˚
from the tongue) and Point 09 (187˚ degree from the tongue)

4. Volute vibro-acoustic model, FEM Validation and Sound Estimation

The studied marine centrifugal fan was operating in a completely enclosed small place, and the fan inlet and outlet were
connected with a long pipe; thus, the aerodynamic noise caused by the fan internal flow during operation cannot be directly
spread to the outside. Only the vibrational noise can spread to the outside through the vibrations occurring as part of the volute
casing vibrations. With the fan running, the internal unsteady flow motivated the casing vibrations, and the volute surface was
slightly deformed. However, the displacement of the volute surface deformation is much smaller than the boundary layer
thickness of the fluid wall. Therefore, one-way fluid-solid coupling was applied in the simulation. Jiang et al. [27] applied a
unidirectional coupling technique that validated the rationality of an unsteady flow-induced vibration of a centrifugal pump.
The rationality of unidirectional coupling is also verified in this study. For details please refer to section 4.3.
4.1 Vibro-acoustic mathematical model
For a continuous system of an actual structure, dispersed by FEM, the dynamic balance equation is as follows:

M
x(t ) + Cx(t ) + kx(t ) = F (t )

(3)

As the structure is subjected to external harmonic force, the external force can be expressed as follows:

F (t )=F  e jwt

(4)

The modal vectors are linearly independent of each other. Therefore, the response of the dynamic under any excitation can be
regarded as the coupling of the systematic modes and the modal participation factors (MPFs) of each order. At this point, the
displacement response can be expressed as follows:
n

x(t )   φi yi (t )  ΦY

(5)

i 1

In the formula,

represents the ith mode shape of the structure,

( ) represents the ith mode coordinate, which

is called the ith MPFs； Φ   φ1φ2 φn  ； Y   y1 y2  yn  。Substituting (5) into (3) and multiplying Φ T on the
two lateral yields the following:

  ΦT CΦY
  ΦT KΦY  ΦT Fe jt
ΦT MΦY

(6)

Using the orthogonality of modal vectors for the mass, damping, and stiffness matrixes, we obtain independent coefficients of the
single degrees of freedom of n items. Therefore, the original system can be regarded as linear superposition independent coefficients
of single degrees of freedom of n items.

Ordering,

ΦT MΦ  mi ， ΦT CΦ  Ci ， ΦT KΦ  Ki ， ΦT F = Fi

Substituting (7) into (6), the transformation is as follows:

(7)
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m i 
y i ( t )  C i y i ( t )  K i y i ( t )  Fi e j t
Ordering,

ki

n 

mi ，

 i  ci

(8)

(9)

2 k i mi

Substituting (9) into (8) results in the following:


y i ( t )  2 i  n y i ( t )   n2 y i ( t )  Fi e j t

(10)

Using the theory of ordinary differential equations, we obtain the stable solution of (4) as follows:

yi ( t ) 

Fi
e j t
    2 j i n
2
n

Introducing the frequency ratio λ =
the following:

i 

(11)

2

/ and the dimensionless vibration mode amplification factor

results in

1
(12)

( 2  1) 2  (2 i  ) 2

2 i 
 2 1
Substituting (12) and (13) into (11) results in the following:

Ordering,  i  arctan

yi (t ) 

(13)

Fi
i e j (t  )
2


(14)

At this point, the vibrational displacement is as follows:
n

n

x(t )   φi yi (t )  φi
i 1

i 1

Fi
 e j (t  )
2 i


(15)

The vibrational velocity is as follows：
n

n

i 1

i 1

x (t )   φi y i (t )   φi


j (t   )
Fi
2
i e


(16)

The active output power is as follows：

Wo,active   Re( I n )ds 
S

1
Re( pvn* )ds

2S

The relationship between the plane wave sound pressure p and the surface velocity

p  0c0vn

(17)
∗

is as follows:
(18)

Substituting (18) into (17) results in the following:

Wo,active   Re( I n )ds 
S

1
0c0  Re(vn2 )ds
2
S

(19)

Substituting (16) into (19) results in the following:

Wo ,active


n
j ( t   )
Fi
1
2 2
  Re( I n )ds  0 c0  Re( φ i  i e
) ds
2

i 1
S
S

(20)

According to Eq. (30), it can be concluded that the structural acoustic radiation power is mainly determined by the modal
shape , the applied exciting force , and the frequency amplification factor . Therefore, the following methods can be used to
control vibrational noise:

Preprints (www.preprints.org) | NOT PEER-REVIEWED | Posted: 24 October 2018

doi:10.20944/preprints201810.0569.v1

(1) With the structural model and material determined, the vibrational sound radiation can be weakened by attenuating the
amplitude of the applied exciting force;
(2) With the determination of exciting force, the geometric parameters of the structural model are modified to reduce the
modal shape;
(3) To reduce the amplitude amplification factor, the frequency of the exciting force should avoid the natural frequency.
Regarding the studied fan volute structure, the structural mode can be changed by controlling the thickness distribution of the
structure, if the geometry, the stiffness and constraint position are fixed.
4.2 Volute FEM model and Validation
4.2.1 Structural FEM model
In this study, NX Nastran, the commercial software made by Siemens Company, was used to calculate the modal and vibration
response of the volute. The finite element model (FEM) of the volute was selected by using a high-quality surface quadrilateral
mesh, as shown in Fig.10. The thickness of the volute panel is relatively small (up to 6 mm), and the shell63 element is selected for
the FEM, as the shell63 element has both the bending and membrane capabilities, and can suffer both plane and normal loads. The
volute FEM with a total of 46,182 shell63 element grids was divided into three main sections according to the different thickness
properties. The front panel thickness (FT) and the back panel thickness (BF) were set to 6 mm, and the volute side panel thickness
was set to 5mm (ST). In addition, the model material was steel, the density ρ=7800kg/m^3, the elastic modulus = 2.06e11 pa, and
Poisson's ratio υ=0.3. The volute casing was fixed to a supporting stand by ten fastening bolts at the casing front. The volute panel
rear (near the motor) was connected by four fixed bolts, and the three translational degrees of freedom of the nodes at the bolts were
restricted to zero. The panel thickness distribution and the degree of freedom constraints on the volutes are shown in Fig. 10.

Figure 10 The finite element model (FEM) of the volute

4.2.2 Acoustic FEM model
The volute acoustical FEM model is shown in Fig. 11. It was similar to the acoustical finite element mesh used for aerodynamic
noise calculations [23]. Taking into account the characteristic of radiated vibrational noise, the volute's inlet and outlet were
completely enclosed. More importantly, according to the requirements on element size driven by maximum frequency, the
computational acoustic mesh had to satisfy each wavelength corresponding to six elements. An acoustical mesh with a maximum
element size of 15 mm was applied in the sound computation and guaranteed a spatial resolution at the maximum frequency of 3236
Hz of six points per wavelength. Atmospheric boundary layer (AML) boundary layers were introduced to simulate the unbound
boundary of the exterior fluid domain. The outermost layer exposed to the AML surface that satisfied the Sommerfeld radiation
condition was defined as a non-reflecting boundary. Then, a field point mesh based on standard ISO3744 [28] that enclosed the
entire calculation domain was established using an approximate free-field engineering method.
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Figure 11 The volute acoustical FEM model

4.3 Volute vibration validation

In order to verify the rationality of the unidirectional fluid-structure interaction method, the vibration measurement of the
volute casing induced by unsteady flow is carried out in detail, based on the vibrational measuring points, and arranged as
shown in Fig.4. Most importantly, it should be stated that the volute casing vibration measurements, the vibration response
calculation and the vibrational noise production are all carried out under the fan design flow point, the best-efficiency point
(BEP).
The definition of the total vibrational amplitude is as follows [29]:
n

VAL 

a

2
fei

(21)

i 1

Where,

represents the single frequency valid values of vibration acceleration in the spectrum.

The calculated vibrational measurement positions are arranged according to the vibrational test. Fig. 12 shows a comparison of
the numerical and experimental results of the total vibration levels of various vibrational positions in the range of 20 to 3000 Hz.
As seen in the figure, the calculations are in good agreement with the experiments, the detailed results and the analysis of [29].
Moreover, a comparison between the experimental and the numerical results shows that it is reasonable and effective to adopt the
one-way fluid-structure-acoustic coupling method. Figure 13 presents the vibration acceleration spectrum of the selected three
measuring positions (corresponding to the volute rear panel [BT], the volute front panel [FT], and the volute side panel [ST]).
It can be seen from the figure that the spectrum waveforms at each measuring position are similar, and the maximum amplitude of
vibration acceleration presents at the fundamental frequency, indicating that the fundamental frequency, the blade passing frequency
(BPF), is the major component for volute vibrations induced by unsteady flow.

Fig. 12 The compassion of numerical and experimental amplitude of normal acceleration
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Fig. 13 The spectrum of acceleration on the three different measuring points

4.4 Volute vibro-acoustic Estimation
Figure 14 shows the numerical evaluation method of the volute vibro-acoustic coupling. It can be seen that the fluid-structureacoustic unidirectional coupling method is divided into three main steps: the first is acquisition of the vibrational source of the volute
based on the unsteady flow calculation on the centrifugal fan, then transformation of the extracted time-domain fluctuation data into
frequency-domain data through FFT, providing basic data for the next vibration response and vibro-acoustic calculation; the second
is interpolation of the frequency-domain node pressure of the fluid into the corresponding structural FEM nodes according to
equation (5) (Where Pi (i = 1, 2, 3, 4) is the source node pressure load, PA is the target node pressure load, and di (i = 1, 2, 3, 4) is
the distance from the source node to the target node; Fig. 15 is a sketch of the geometric interpolation algorithm) and assignment of
the interpolated node pressure of the structure to the boundary loads of vibro-acoustics, then application of the structural FEM to
obtain the modal participation factor of the volute; the third is loading of the modal participation factor and vibro-acoustic boundary
loads obtained during the second step, to calculate the volute vibrational sound radiation using the modal superposition vibroacoustic method.

P1
PA 

1
1
1
1
 P2  P3  P4
d1
d2
d3
d4
1 1 1 1
  
d1 d2 d3 d4

（22）

Figure 14 The flow chart of numerical evaluation method of volute vibro-acoustic coupling
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Figure 15 The diagram of the geometric interpolation algorithm

Figure 16 The spectrum program of vibrational sound radiation of the volute casing (Numerical)

(a) Side

(b) Back

(c) Front

Figure 17 The distribution of the vibrational sound radiation of the volute casing surface at the fundamental frequency (BPF)

Fig. 16 presents the spectrum program of the vibrational sound radiation of volute casing, and the vibrational noise at the
fundamental frequency (BPF) is obvious. Moreover, the vibrational sound radiation distribution of the volute casing surface at the
fundamental frequency is presented in Fig. 17. It can be observed that the outlet of the volute side panel near the volute tongue
region and the volute back panel at 180º from the tongue presented very strong vibrational acoustic radiation values. In addition,
the theoretical derivation of chapter 4.1 shows that the real part Re(

∗

) acoustic intensity of acoustical power characterized the
vibrational acoustic energy, and it is determined by the product of the surface sound pressure p and the surface normal conjugate
velocity ∗ , but is also a quadratic function of the vibrational velocity, Lu [16], indirectly reducing the volute surface acoustical
radiation through a decrease in the surface normal velocity of the volute casing.
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5. Vibro-acoustic Optimization
5.1. Optimization Objective Selection
Section 4.1 of this paper provides two means to control vibro-acoustics: the control method (1) can be used to modify the
geometrical shape of the volute tongue or wavy edge of the blade to weaken the pressure fluctuations on the volute casing, and
control method (2) can be used to modify the model geometry, thickness distribution, and constrained position and reduce the modal
shapes. However, the shapes and natural frequency are determined by the structural thickness distribution, structural stiffness, and
the constrained position. The modal shapes can be changed by controlling the thickness distribution, when the geometry, stiffness,
and constrained position of the structure are fixed.
Concerning the studied centrifugal fan volute with several welding panels, this study developed an optimization method of vibroacoustics by changing different panel thicknesses (FT, BT, and ST) to attenuate the volute vibrational acoustic radiation. Regarding
vibro-acoustic optimization, we must first determine the optimization target function. From the literature review, it is generally
considered that the uniform sound pressure at the received position or the radiated sound power at the structural surface should be
set as the optimization function. The selection of the target function depends on the research problems, and the target function is
divided into two categories according to different attributes. One is a noise optimization problem (internal noise control problem)
applied in a closed domain. In this case, one or a few sound pressure levels of a specific measuring point is taken as the target
function [17–20]. Concerning the noise control problem in the open domain, the external acoustic power on the structural surface
was chosen as the optimal target function. This method has been proven by many scholars [17-18, 30].
For the type kind of target function, the sound pressure at the arranged receiving position can be clearly determined, but it may
result in judgments of distortion, such as a low sound pressure value at an arranged position may be obtained and a high sound
pressure value at other points can be presented. Thus, it is a very important to choose such target functions. Fortunately, Marburg
[31] proposed an improved target function (F), which is defined as follows:
1

F  F n  (

1
max  min



max

min

1

  pl ( ) d ) n

(23)

In Eq. (23), ∅{ (ω)} represents the given weighting function, replaced by the following equation:
n
( pl  pref ) p  p
  pl ()  
l
ref
0

(24)

pl  pref

n=1, which is the average value of sound pressure in the frequency spectrum; and n=2, which is the RMS value of sound pressure.
For the second type of problem, Koopmann and Fahnline [2] proposed an optimization method that takes the external radiated
sound power as the target function, and it is suitable for the optimal noise control method in this study. They provided the root mean
square (RMS) expression of sound pressure in an enclosed space as follows:

W   Re( I n )ds 
S

1
Re( pvn* )ds

2S

(25)

Where, S refers to the structural surface, and the structural surface is discretized based on FEM. At this time, the structural radiated
sound power can be regarded as the sum of the individual radiated sound power on the FEM mesh [32]. Thus, after organization,
Eq. (25) can be changed to the following:
Ne

Ne
1
1
W  Wj  Re(  p j vnj* dS )
2
j1
j1 2 S j

(26)

In the formula：
—the number of finite elements on the structural casing；
—the area of jth finite element，

；

—the sound pressure of jth finite element， ；
∗

—the normal velocity of jth finite element，

∙

.

Preprints (www.preprints.org) | NOT PEER-REVIEWED | Posted: 24 October 2018

doi:10.20944/preprints201810.0569.v1

The vibrational noise of the volute structure of marine centrifugal fans studied in this paper belong to the typical external opening
noise radiation problem. Therefore, the second type of optimization target function should be adopted.
5.2 RBF approximation surrogate models
5.2.1 Design variables and parametric model
The previous analysis shows that the structure modal shape can be changed by controlling the structural thickness distribution,
so as to improve the structural vibration sound radiation. Therefore, the volute thickness of the three panels (FT, BT, and ST in mm)
were specified as the design variables. Thus, the design objectives can be achieved by adjusting the combination of different volute
panel thicknesses in the optimization design. The thickness of each volute panel is parameterized using FEM. Figure 18 shows the
volute parameterization structural FEM. Because the panel thickness of each volute is generally less than 10 mm, we assigned the
panel thickness of each volute to be from 4 mm to 10 mm.

Figure 18 the volute parameterization structural FEM

5.2.2 Design Space and RBF Approximation model Framework
The optimization of the vibro-acoustics of the volute casing involves many combinations of different simulation programs, such
as Unigraphics (UG) modeling, ANSA meshing, Nastran FEM analyzing, LMS acoustical simulation, and integrated optimization
process. Because the volute size is large, the number of FEM and acoustical mesh is huge, and an optimized cycling takes 24-26
hours. However, the design variables change often causing, problems in a single calculation process during the optimization process.
In the optimum iterative procedure, the optimization process terminates due to the failure of a single simulation program. Therefore,
the long time of the optimal iterative procedure and the iterative procedure failure are the major bottlenecks in the optimization of
acoustic performance for all complex structures. To resolve these bottlenecks, many scholars and engineers use a high-efficiency
and high-precision approximate model instead of a complex simulation model to obtain the expected results. Therefore, a
combination of a design of experiment (DOE) and an approximation model (AM) was used to determine the relationship between
the structural design variables and the target function, and provided the basic data and models for the subsequent optimization.
According to the studied centrifugal fan volute, taking each volute thickness (FT, BT, and ST) as design variables, each design
variable was given five levels. Table 3 provide the levels of distribution of the design variables. Because of the smaller number of
design variables, the full-factor method was adopted to collect sample points of the design space constructed by the three variables
collected; thus, a total of 125 sample points was collected.
Table 3 The levels of distribution of each volute panel thickness
variables

range/mm

Levels of distribution/mm

FT

5.00~10.0

5.00

6.25

7.50

8.75

10.0

ST

5.00~10.0

5.00

6.25

7.50

8.75

10.0

BT

5.00~10.0

5.00

6.25

7.50

8.75

10.0

For each sample point, the aforementioned vibro-acoustic coupling assessment method was used to calculate the radiated sound
power and the total volute mass of the volute structure surface of each combination. The approximate model approach is generally
divided into two broad categories: first, least squares fitting, also known as response surface methodology (RSM); and the second,
interpolation. RSM uses polynomial functions to fit the design space. In addition, the RSM fitted the complex response relationships
through regression models due to the simple algebraic expression. In addition, because of the advantages of being systematic and
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practical, the RSM had been used in a broad range [33–37], but the approaching effect is not as good as that of neural network and
other methods for highly complex functional relationships. Radial basis function (RBF) belongs to the interpolation algorithms and
is the second approximate model method. Because of the neural network model has a strong ability to approximate complex
nonlinear functions, the learning speed is fast, it has excellent generalization ability, and it is highly fault-tolerant. It is used by many
scholars and engineers in aircraft wingtips [38], white bodies [39], space vehicles [40], turbofan engines [41], compressors [42],
ships [43], MMES controllers [44], and many other applications. The relationships between vibrational sound radiation of the volute
casing surface and the volute panel thickness are typically non-linear. Thus, this study used the RBF model to approximate and fit
the design space.
Figure 19 shows the fitting procedure of the vibro-acoustic optimization of volute casing. It can be seen from the figure that this
procedure is mainly divided into two parts: the first is creation of a design space for the collected sample points using the assessment
method of vibro-acoustic coupling. The FEM model of fan volute was established by UG, then ANSA constructed FEM mesh and
the Nastran code solved the volute modal participation factor. At last, the vibrational sound radiation of volute was used by LMS
Virtual Acoustics. In addition, all the calculation codes were integrated into the multi-disciplinary optimization platform Isight. The
second built an RBF approximation model (RBF surrogate model) instead of a simulation loop as mentioned for the first part. Thus,
the RBF method of Isight code was used to establish an approximate alternative model.

Step1_UG Model
(CAD model)

Step2_ANSA
(Meshing)

Volute vibro-acoustic
Estimation

Step3_Nastran
（modal）

Design Space

Step4_LMS
（VibroacosuticCoupling）
Step5_Calculator
(Results)

Design Variable、
Constrains
FT(4-10)
ST(4-10)
BF(4-10)
Design of Experiment

Imitating the approximate mathematics model
RBF
Approximation Models

Parametric Results Analysis
(Approximation Model Validation)

Figure19 Design space and RBF approximation model processing for optimization

In fact, the approximate model can be considered as an approximate approaching for the real response function, and the analysis
of the approximate model is equal to the analysis of the real system. The precision of the approximate model is affected by the
number of sampling points. At present, statistical theory with analysis of variance is usually used to verify the effectiveness of an
approximate model. However, the approximate model is usually tested by the complex correlation coefficient R2 (0 <R2 <1) in
engineering, and Shi [45] provides its mathematical expression. The closer the value of R2 is to 1, the more precise the approximation
model is. Figure 20 shows the error schematic diagram of each response surface model. In the figure, the Kirchhoff SPW (dB)
represents the radiated sound power of the volute surface, and the mass (kg) represents the total mass of the volute. It can be seen
that all the response surface models are infinitely close to 1; thus, the approximate model established using the mentioned method
can completely replace the real simulation loop.
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(b)
Figure 20 the error schematic diagram of each response surface model

Figure 21 shows the correlation distribution of design variables and responses (Kirchhoff SPW, volute mass on the volute structure
surface), the correlation theory, and definition of major effect referred to in reference [46]. In addition, the positive value indicates
that the target response is proportional to the design variable, and otherwise is an inverse relationship. The closer the absolute value
of the coefficient is to 1, the higher the degree of correlation. It can be seen from the figure that ST had the highest correlation with
all the responses, followed by FT, then BT. Concerning radiated sound power, ST and FT present an inverse proportionality to the
radiated sound power, which means that the larger the volute panel thickness (ST and FT), the smaller the radiated sound power.
However, the main effect diagram of each volute panel (ST, BT, FT) in Fig. 22 shows that ST and FT are not in proportion to the
acoustic power of the volute surface; a most reasonable range of ST and FT exists. The aforementioned analysis shows that ST is
most sensitive to the radiated sound power of the volute structure surface, followed by BT, then FT. However, the thickness of each
volute panel (ST, BT, and FT) is in direct proportion to the volute total mass, which means that the thicker the thickness of each
volute panel, the greater the total mass of the casing.

Figure 21 the correlation distribution of design variables and responses (Kirchhoff SPW and volute mass on the volute structure surface)
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(b) the relationship of volute panel thickness and total mass

Figure 22 The main effect profile of the Kirchhoff SPW and the total mass of the volute

5.3 Single-Objective Optimization
The collection of sample points described in the previous text, based on the RBF approximation model, provides the basic database
and the analysis model of the target function for the optimization of the vibro-acoustic coupling of the volute structure. The analysis
results between the design variables and the objective function show that the combination of different volute panel thicknesses has
different structural radiated sound power values, and presents an optimal combination of one or several groups of reasonable volute
panel thickness, making the radiated sound power on the volute structure surface a minimum. Therefore, the optimal or compliant
volute thickness combinations can be found through mathematical optimization methods. In this study, the single-objective
optimization took three panel thickness (FT, BT, and ST in mm) as design variables, and took the vibrational sound radiated power
of volute surface (Kirchhoff SPW (dB)) as the target function. In addition to these, the single-objective optimization was divided
into two parts; the first part maintained the volute total mass as invariable, and for the second part, there was no mass constraint on
the volute. Because the thickness of the volute panel is generally less than 10 mm, the author assigned the volute panel thickness as
from 4 to 10 mm. Therefore, the mathematical model optimized in this section is as follows:
The objective function, Ws (minimum):
Ne
Ne
1
1
Ws  Wj  Re(  p j vnj* dS ) , (vibrational sound radiated power of volute surface ,W)
2
j1
j1 2 S j

(27)

Design viriables：[FT, ST, BT]

(28)

4  FT  10
Constrints： 4  ST  10
4  BT  10

(29)
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 SFT  FT  SST  ST  SBT  BT , (total mass, kg)

(30)

Defining the sound power level as follow：

10  lg

(Ws /Wref )

(31)

 11012

In the formula, Wref represents the reference value of sound power， Wref

W。
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Figure 23 the flow chart of the single-objective optimization

Figure 23 shows the flow chart of the single-objective optimization. The single objective optimization uses the simulated
annealing algorithm (ASA) to implement a global search. The optimal result of the approximate model in the previous text is
assigned as the initial value, and the global optimization iterates 10,000 steps and takes 12 minutes. Then, the value is locally
optimized using hybrid integer sequential quadratic programming (MISQP), which iterates more than 12 steps in several seconds.
Table 4 shows the massless constrained optimization results. It can be seen that the radiated sound power on the volute structure
surface decreases by 9.4 dB. When ST increases to a maximum, the BT and ST locate at minimum values; unfortunately, the volute
total mass increases by 18.13%. Table 5 shows the optimization results with the volute total mass invariable. Even though the volute
total mass remains the same, the radiated sound power on the surface of the volute will also be weakened by an average of 6.3dB.
In addition, the radiated sound power spectrum of the volute structural surface shown in Fig. 24 also shows that the single objective
optimization significantly improves the radiated sound power on the volute surface at the fundamental frequency (BPF).。
Table 4 the massless constrained optimization results
Ws /(dB)

MT (kg)

6.000

63.78

86.592

10.00

4.000

54.38

102.29

10.00

4.000

56.25

102.29

FT (mm)

ST (mm)

BT (mm)

Original

6.000

5.000

Optimized

4.000
4.000

Numerical validated

Table 5 the optimization results with the volute total mass invariable
FT (mm)

ST (mm)

BT (mm)

Ws /(dB)

MT (kg)

Original

6.000

5.000

6.000

63.78

86.592

Optimized

4.335

7.470

4.000

57.52

86.592
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4.335

7.470

4.000
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58.68

86.592

Figure 24 the radiated sound power spectrum of the volute structural surface

(a) the whole volute body

(b) XY section

(c) ZY section

图 25 The distribution of vibrational sound radiation of original volute at the fundamental frequency

(a) the whole volute body
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(b) XY section
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(c) ZY section

Figure 26 The distribution of vibrational sound radiation after the total mass invariable optimization at the fundamental frequency

From the comparison of the distribution of vibrational sound radiation at the fundamental frequency and the different cross
sections in Fig. 25 and Fig. 26, it can be concluded that the sound pressure of the vibrational radiation close to the tongue on the
side volute is greatly reduced by optimization, and the other sound pressure of the vibrational radiation on the other area is also
weakened to varying degrees. In addition to these results, the optimization also changed the directivity distribution of acoustical
radiation, and very strong directivity was produced on the back panel side of the volute.
5.3 multi-objective optimization
Parametric analysis results show that the parameters of the vibrational sound power and total mass on the volute surface are
somewhat contradictory. Thus, a multi-objective optimization method is needed to obtain the optimal volute thickness combination.
The definition of the multi-objective optimization mathematical model is presented as follows:

The objective function, Ws，MT (minimize)
Ne

Ne
1
1
Ws  Wj  Re(  p j vnj* dS ) , (vibrational sound radiated power of volute surface ,W)
2
j1
j1 2 S j

(32)

MT  SFT  FT  SST  ST  SBT  BT , (total mass, kg)

(33)

Design viriables: [FT, ST, BT]

(34)

4  FT  10
Constrints: 4  ST  10
4  BT  10

(35)
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Figure 27 The flow chart of multi-objective optimization

Figure 28 the distribution of Pareto front solutions

The multi-objective genetic algorithm termed NSGA_2 was adopted to solve the multi-objective optimization with the optimal
value obtained by taking the single-objective optimization of specific mass constraints as initial values. Fig. 27 presents a flow chart
of multi-objective optimization. The global search iterates 4800 steps and the Pareto frontier solutions are marked. A solution
satisfying the requirement is selected as the initial value of MISQP for mixed integer quadratic programming, then the final solution
is obtained by iterating 15 steps again. Finally, the unidirectional fluid-structure-acoustic coupling method is used to verify the
precision of the optimal solution.
Table 6 The multi-objective optimization results
BT (mm)

Ws /(dB)

MT (kg)

5.000

6.000

63.78

86.592

4.001

7.935

4.010

56.53

88.549

4.001

7.935

4.010

57.16

88.549

FT (mm)

ST (mm)

Original

6.000

Optimized
Numerical validated
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Figure 29 The frequency spectrum of total acoustic power of the volute surface

(a) the whole volute body

(b) XY section

(c) ZY section

Figure 30 the radiated sound power distribution of the volute structure surface after multi-objective optimization

According to the distribution of Pareto front solutions in Fig. 28, it can be seen that the radiated sound power on the volute surface
and the total mass of the volute show an approximately linear inverse proportional relationship, and a smaller vibrational sound
power can be obtained, when the volute mass (mass increase control: ± 3 kg) changes within a small range. Moreover, if the volute
mass increased by 2 kg, the total acoustic power of the volute surface and the fundamental radiated sound power decreased by 7.3dB
and 6.9dB, respectively, as shown in Table 6 and Fig. 29. In addition to these, Fig. 30 shows a comparison of the radiated sound
power of the volute structure surface after multi-objective optimization. It can be seen that, after optimization, the multi-objective
optimization presents the same noise reduction effect on the volute structure surface as the single-objective optimization. In addition
to these, the radiation sound pressure close to the tongue on the volute front panel is greatly reduced, the sound pressure is lower
(under 10dB) than at the other parts of the volute, and the sound pressure of the other volute parts is also greatly weakened. In
summary, the radiated sound power of the volute structure surface obtained using the multi-objective optimization method is further
reduced by nearly 1 dB compared to that of the single-objective optimization with mass constraints. It can be concluded that the
optimization effect of the multi-objective method is obviously better than the single-objective optimization for the studied fan case.
Even considering the two conflicting objective functions, the multi-objective optimization can achieve a more balanced effect.
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6. Conclusions
Concerning a fan system with long pipelines connected to the import and export, the external radiated noise is the component of
structural vibration noise during fan operation, and is caused by the volute casing vibrations induced by the unsteady flow in the
fan. Thus, to reduce this type of vibrational sound radiation, the main influencing factors of vibration noise on the volute surface
were obtained through theoretical derivation. In this study, a vibrational noise control method of multi-disciplinary optimization
which considered the influence of vibro-acoustic coupling was proposed. In this method, the panel thickness of the volute (FT, ST,
and BT) was assigned as the design variable, and the sound radiated power of the volute surface and the volute total mass were set
as target functions. Moreover, the DOE was applied to collect sampling points of the design sample, then an RBF approximating a
surrogate model instead of an actual simulation loop was constructed. Finally, a single-objective and multi-objective optimization
design was implemented. Thus, the main research conclusions are as follows:
(1) Regarding the problem of vibrational noise radiation, a one-way coupling method of fluid-structure-acoustic was
implemented in this paper, and the effectiveness of this method was verified by dynamic pressure measurement and vibration
measurement of the volute casing.
(2) The optimization results show that they do not follow the rule that the thicker each volute panel thickness, the lower the
acoustical radiated power on the volute casing. Each volute panel thickness has an optimal combination. In addition to these
results, sensitivity analysis showed that ST is the most sensitive to the acoustical radiated power of the structural surface,
followed by BT, and then FT which is the smallest. Thus ST and BT should be the focus of subsequent optimization. However,
FT, ST and BT are in direct proportion to total mass. Concerning optimization without mass constraint, the acoustical radiated
power on the volute casing surface decreased by 9.4 dB, but the volute total mass increased by 18.13%. If the total mass of
the volute was invariable, the acoustical radiated power decreased by 6.3dB. However, the acoustical radiated power on the
volute surface and the total mass of the volute are two opposite parameters. Therefore, the multi-objective optimization was
more advantageous. It was found that the volute acoustical radiated power on the volute surface decreased by 7.3dB, when
the total mass of the volute slightly increased (± 3 kg). The optimization in this study provides an important technical
reference for the design of a low vibro-acoustic volute.
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